In the present investigation, a parametric study of the geometric characteristics of a two-cylinder four-stroke gasoline engine was carried out. Engine power, torque, specific consumption, engine efficiency, in-cylinder pressure for both the cylinders and pressure along the intake and exhaust manifolds at different positions were experimentally measured for engine speeds ranging from 5000 to 9500 rpm. All measurements were made under steady state conditions and full load. Engine characteristics were calculated by means of a 1-D model, which was used to calculate wave propagation in the intake and exhaust manifolds. A zero dimensional model was used to account for the in-cylinder phenomena. In the 1-D model the effects of pipe curvature, restriction geometry, gas friction, and heat transfer to the manifolds walls were considered. Numerical results showed good agreement with the measurements over the investigated range of operating conditions.
INTRODUCTION
Automotive engines are essentially volumetric machines and their overall performance is strongly affected by the pressure wave dynamics in the exhaust and intake manifolds [1, 2] . Therefore, manifold design is of great importance in determining such characteristics as engine torque and engine power as well as overall engine emission levels. In fact, by controlling manifold pressure wave dynamics, it is possible to significantly alter the amount of trapped residual gases, which has the effect of changing the internal engine EGR, and noise emissions.
However, the optimization of engine manifolds is not trivial because of the enormous number of geometric parameters that can be varied and the wide range of operating conditions over which engines are operated in everyday-use. It is possible to give an analytical expression to define an engine-performance function, f(x 1 ,…,x n ), that may be maximized in an n-dimensional domain, where n is the number of parameters in the analysis. Because of the complexity of the problem, no analytical solution can be found, and the system optimization is frequently relegated to empirical methods. However, this usually only permits the determination of a local maximum in the engineperformance domain. In order to find the real maximum of the function it is necessary to investigate all possible configurations in the n-dimensional domain in which the function is defined. Optimization techniques based on either statistical analysis [3] or genetic algorithms [4] are currently used to reach an optimal solution with a reduced number of tests. Nevertheless, the possible engine configurations that must be evaluated to converge to the optimal solution can easily require hundreds of attempts. This large number clearly precludes any realistic possibility of completing the optimization process by means of experimental investigations alone because of both time and economic constraints. The limits inherent in both analytical and empirical methods could, to some extent, be overcome by the use of fast computer models to implement automatic optimization procedures. From this point of view, the development of a fast computer code able to capture trends and physical phenomena is of primarily importance. The work presented in this paper shows that a simplified engine performance model, consisting of a 0-D analysis for the in-cylinder phenomena and a 1-D scheme for the ducts, is completely adequate to accomplish the optimization procedure for intake and exhaust manifolds. The 1-D scheme or simulation is necessary to account for pressure wave propagation in the manifolds. This would be shown via a parametric analysis of the whole engine system considering the effects of the distribution diagram, the volume of the two air-filter chambers, the intake and exhaust manifold lengths and diameters, and pipe junction angle. The internal muffler geometry as well as engine noise emissions were also considered as parameters to be optimized. In the parametric study, simulations were carried out only for two engine speeds, 7000 and 9000 rpm, corresponding to the maximum torque and maximum power regimes, respectively. Results showed that changes of the air-filter chamber volumes and intake manifolds only slightly improved engine performance.
Whereas significant improvements were obtained by optimizing the distribution diagram and the exhaust manifold geometry. Changes in the muffler geometry also resulted in a significant improvement of engine performance. However, the increase of the engine power, due to changes of the exhaust manifold, was also accompanied by an increase in noise emissions.
THE ENGINE AND THE EXPERIMENTAL SETUP
The four-stroke gasoline engine consisted of a longitudinal 60° "V" block with two cylinders, four distribution valves per cylinder and double camshaft in the head. Valve timing was controlled by a mixed chain and gear system. The engine, designed for motorcycle applications, had a displacement of 998 cc and a compression ratio of 11.5. Fuel was supplied by an electronically controlled injection system in the intake manifolds. The injection system's electronic control unit (ECU) set the amount of fuel to be injected based on the throttle position, and its derivative, the engine speed, the coolant temperature, and the ambient conditions (pressure and temperature of the intake air). The injectors were fed by a pump producing a constant pressure of 330 kPa. The ignition module was driven by the same electronic control unit that controlled the injection system. The air-fuel mixture was ignited by means of spark plugs, two per cylinder. The intake air was taken in from a large-volume two-chamber airbox, and the exhaust system was of the type "2 in 1". The engine was equipped with seven pressure sensors. Pressure was measured in both cylinders, immediately upstream and downstream of the intake and exhaust valves, and downstream of the junction where the two exhaust pipes merge into one. In addition, gas temperature was measured in seven different locations. The first thermocouple was located out of the engine to measure ambient temperature. The second and the third were located in the intake manifold upstream of the airbox and in the first chamber of the airbox. The others measured the exhaust gases temperature from the two cylinders after the junction of the exhaust pipes and at the exit of the muffler. Oxygen sensors were located downstream of the exhaust valves. A schematic of all measuring points is shown in figure 1 . Intake air and fuel flow rates as well as engine torque and speed were also measured. All measurements were carried out at full load and with the engine working under steady state conditions. The range of the investigated engine speeds spanned from 3500 to 9250 rpm and data were acquired at 250-rpm intervals.
MODEL DESCRIPTION
The model, similar to the one used in [5] , consisted of basic elements that could be combined to model any desired geometry. The elements library included: pipes, capacities, variable volume capacities, junction and boundary elements. Boundary elements are elements with no volume used to simulate either a discontinuity in the pipes or boundary conditions. The mass, momentum and energy conservation equations used for the 1D case can be written in the following form: ( )
where ρ is the gas density, u is the average flow velocity, x is the spatial coordinate, A is the pipe cross section and V=Adx is the volume of the computational cell, p is the pressure,
is the energy of the gas, c v is the average value of the specific heat at constant volume calculated between the initial and final gas temperature in the time interval dt, T is the gas temperature, q w is the heat exchanged, F R is the force dissipated because of friction, and t is the time.
Equations (1)- (3) in the pipe junctions were solved by using the algorithm illustrated in [6] . F R and q w were calculated according to equation (4) and (5), respectively. Equation (5) was only used to account for the heat exchanged with the pipe walls; the heat due to the combustion process was calculated using the amount of injected fuel and a single step kinetic scheme. The combustion model used was that proposed by Vibe et al. [7] , whereas the heat transfer to the cylinder walls was calculated with the Woschni [8] formula.
In equations (4) and (5), λ f is the friction coefficient and D is the hydraulic diameter of the pipe. By using the above elements the engine, the intake and the exhaust systems were modeled as shown in figure 2. Proceeding from top to bottom of figure two, it is possible to distinguish the two pipes taking the air to the air filter and the airbox, the air filter and the airbox assembly, the injection system which is located between the pipes 5 and 6, the two engine cylinders, the exhaust pipes and the muffler. All pipes have been discretized in sections with a constant radius of curvature. Fuel was assumed to vaporize and uniformly mix with the air in the computational cell immediately after injection and the gas temperature was recalculated to account for the heat of vaporization. Fuel constants were updated as well. Diffusion between fuel-rich and fuel-lean zones was also allowed. 
RESULTS AND DISCUSSION
In this section, the results of the experimental investigations will be presented first. Then will follow a comparison between the experimental and the calculated results. Finally, will come next an analysis aimed at identifying the effect of changing each of the following parameter on engine performance: i) the distribution diagram; ii) the volume of the two airbox chambers; iii) the intake and exhaust manifold lengths; iv) diameters and pipe junction angle.
EXPERIMENTAL RESULTS
Data were acquired for the seven locations shown in figure 1 in order to monitor the whole engine for engine speeds ranging between 3500 and 9250 rpm. However, below 5000 rpm the engine was very unstable, therefore in the present paper will be presented only data from 5000 to 9250 rpm. Analysis of the data showed strong similarity in the behavior of the two cylinders. Therefore, data for both cylinders will be presented only when it would be useful for comparison. Figure 3 shows the pressure fluctuation vs. crank angles measured upstream of the intake valve for both the cylinders at 5000 rpm. 
It is interesting to notice that at valve closure the pressure in the first cylinder is somehow higher than in the second. This difference resulted in higher mass trapped in the first cylinder and therefore in a higher peak pressure as shown in figure 4 . In the range of the investigated conditions, this phenomenon was observed only for the lower rpm. In fact, at about 7000 rpm both cylinder pressures reached about the same value and at the maximum engine speed of 9250 rpm, the pressure in cylinder 2 was higher. Figure 5 shows the pressure traces for both cylinders in the intake manifolds immediately upstream of the intake valve at the maximum engine speed of 9250 rpm. It can be observed that the pressure of the second cylinder is less regular then the pressure of the first cylinder. Such irregularities are due to the particular configuration of the intake manifold which sharply bends and splits into two smaller pipes to reach the intake valves. Although the model reproduced the high curvature of the pipe, the bifurcation was not modeled, and therefore the double peak was not predicted in the calculations. It should also be noticed from the plots of figure 5 that at higher engine speed the amplitude of the oscillations is increased whereas their number is reduced. Three other experimentally measured quantities will be illustrated later and compared with the numerical results. These three are gas temperatures in seven locations shown in figure 1 , specific fuel consumption, and engine torque and power.
COMPARISON WITH THE EXPERIMENTS
Figures 6 and 7 report the comparison between the predicted and the measured pressure traces for the intake and exhaust manifolds of the first cylinder. Similar results were obtained for the second cylinder. The plots are for engine speeds of 7000 rpm, in figure 6 , and 9000 rpm, in figure 7, corresponding to the maximum engine torque and power, respectively. For both engine regimes, a good agreement of the experimental and calculated pressure fluctuation is observed. At about 380 crank angle degrees a bump appears in the experimental pressure trace of figure 6a. This is due to the sudden increase of the cylinder pressure caused by a reflected pressure wave coming from the exhaust pipe, as shown in figure 6b. This phenomenon was also captured by the model, but its magnitude was slightly overestimated due to the higher intensity of the reflected wave predicted by the model (see figure 6b) . The pressure bump was still observed at 9000 rpm although its amplitude was greatly reduced and it is virtually invisible in the computed trace. However, at 9000 rpm a second peak after exhaust valve closure (400 CAD) became distinguishable. This was generated by the interaction between a reflected wave, traveling in the intake manifold between the airbox and the intake valve, and the depression produced by the piston during its intake stroke. Again, the phenomenon was overestimated by the model, which tends to over-predict the amplitude of reflected waves. Figure 8 shows a comparison between the average value of the pressure in three different locations: intake and exhaust manifolds of the first cylinder and after the "2 in 1" junction. These Figure 8 generally shows a good agreement between the numerical and experimental results with a percentage error less than 5%. From the plots in figure 8 , it is possible to see that the intake pressure slightly decreases with the increase of the engine speed because of the higher friction losses. An opposite trend was observed for the pressure plots relative to the exhaust pipes. In fact, as the engine accelerates the average pressure upstream of the exhaust manifold must increase to dispose off the higher flow rate, being the outlet cross section unvaried.
Measured and computed gas temperature for all of the measured points upstream of the engine were in excellent agreement due also to the small departure from the ambient value. Less agreement was found by comparing the temperature trace for the measuring points in the exhaust manifolds as could be seen in figure 9 . The computed gas temperature was lower than the measured one for all the investigated operating conditions. However, the general trends were predicted well by the simulations. The percentage error was always less than 15%. Such relatively large difference is due to the algorithm used to calculate the heat flux through the intake and exhaust pipes. In fact, the used model, proposed by Zapf [9] , was found by Pivec at al. [10] to overestimate the heat transferred to the walls.
The hypothesis of instantaneous vaporization and mixing for the injected fuel was quite adequate for the simulation as can be inferred by the good agreement between the computed and measured specific fuel consumption (SFC), engine power and torque. A comparison of these quantities is shown in figure 10 . 
ENGINE OPTIMIZATION
The engine optimization procedure considered the effects of valve lift and timing, intake manifold lengths, airbox and air filter configuration, exhaust manifold and muffler geometry. An optimized configuration was found.
Valve lift and timing
The valve lift law was modified by reducing the maximum valve lift, originally equal to 10.5 mm, and by increasing the valve diameter accordingly to keep the same flow cross sectional area. All changes made to this parameter resulted in a reduction of the engine performance for all the tested operating conditions because of the increased pressure drop across the valve. Therefore the original configuration was assumed optimal and no changes were made.
The effect of the intake valve opening (IVO) and exhaust valve opening (EVO) was investigated by shifting the whole interval in which the valves are open by ∆ crank angle degrees. The interval of the investigated shift ∆ ranged from [-20 , +5] for IVO and from [-5, +20] for EVO. Figure 11 shows the effect of the IVO shift on the engine power for an engine speed of 7000 rpm and 9000 rpm. In figure 11 the point of coordinates (0,100%) represents the engine performance with the original configuration and negative values of the IVO shift, ∆, indicates an earlier valve opening. It is important to notice that by changing the IVO the frequency of the pressure fluctuation in the engine manifolds does not change.
For the 7000-rpm case, a large increase of the engine power can be achieved by advancing the IVO. This was mainly caused by an increase of the air-fuel mixture trapped in the cylinder due to the higher pressure in the cylinder when the intake valves close as could be seen from the plots of figure 6a knowing that for a value of ∆=-10° CA the pressure phase varies by -5° CA. For the 9000 rpm case, however, the improvements are quite small and they are limited only to values of ∆ in the interval [-5,0] . As for the 7000-rpm case, this is related to the pressure level at the intake valve closure. The plots of figure 7 show that little margin is left for figure 12 . By combining both the effects of using a ∆ IVO =-10° and of a ∆ EVO =10° it was possible to obtain an increase of the engine power equal to 105.47% and 100.32% for the 7000 rpm and 9000 rpm cases, respectively. 
Intake manifolds
The intake manifolds can be divided into two main parts, the first taking in the air to the airbox and air-filter assembly and the second connecting this to the engine. The investigated changes to the first portion involved both the length and the diameter of the pipes. It turned out that shorting the pipe by 10 cm (which is the maximum value compatible with the actual setup of the engine on the motorcycle) the performance of the engine for the 9000 rpm case was increased because of the lower friction with the pipe walls. Performance remained unchanged for the 7000-rpm case because the effect of friction was less important. Similar results were obtained by augmenting pipe diameters. The maximum increase in the engine power obtained with the above changes was about 1%. Such a difference is mainly due to the induced frequency change of the pressure waves in the intake manifolds and partially to the lower effect of friction obtained by shortening the pipes.
By elongating the second portion of the intake manifolds, it was possible to improve engine power by a few percent for the 7000-rpm case. In fact, the effect of longer intake pipes resulted in reducing the frequency of the pressure oscillations and therefore increasing the mass trapped in the cylinders. However, the changed frequency reduced engine performance at the higher engine speeds.
Airbox and air filter assembly
The airbox and air-filter assembly consists of two chambers on the opposite sides of the air filter. The chamber upstream of the filter is the smaller of the two. Figures 13 and 14 show the effect of the changes in the volume of the two chambers. It is apparent from these figures that variations to the first chamber have little effect on engine power. The second chamber has a more defined effect on the engine power. In fact, by increasing the volume, minor improvements are seen for both engine speeds. However, a further increase of the volume, and therefore of the gas inertia, reduced the beneficial effect of dynamic pressure fluctuations at the higher rpm which caused a rapid drop in the engine power.
Exhaust manifolds
The effect of changes to the pipe diameters of the exhaust manifolds was investigated and the results are shown in figure 15 . It should be noticed that a change of 10% means that all pipe diameters have been increased 10%, except the diameter of the pipes 9 and 19 of figure 2 because they were directly cast in the engine block (EB).
As shown in figure 15 , the 9000-rpm case took advantage of the increased pipe diameters. This could be explained by noticing that the larger pipe volume facilitates the depletion of the exhaust gases by delaying the pressure increase at the exhaust valve exit while keeping the relatively high counter pressure at the exhaust valve exit during the first part of the intake stroke, thus increasing the in-cylinder fresh charge density. This phenomenon was particularly relevant because of the extremely long overlap between the intake and exhaust valves opening. In the 7000-rpm case the flow rate of the exhaust gases was not enough to keep a sufficiently high counter pressure at the exhaust valves when the diameter was increased, thus greater pipe diameters resulted in a reduction of engine power. On the other hand, a reduction of the pipe diameters for both engine speeds resulted in a loss of engine power. Such trend was caused by the rapid increase of the counter pressure at the EVO that prevented a fast expulsion of the exhaust gases, thus reducing the amount of fresh air-fuel mixture brought in during the intake stroke.
The effect of pipe length and of the "2 in 1" junction was also investigated. However, the changes did not significantly affect final engine performance. As seen for the exhaust pipes, a reduction of the diameter resulted in diminishing engine performance, therefore only the effects of the use of larger pipes is presented in the plots of figure 16 and 17. Figure 16 shows the effects of increased pipe diameters on engine power, whereas figure 17 shows how this parameter affects noise emission. The analysis of figures 16 and 17 leads to the conclusion that minor improvements on the engine performance can be achieved by changing the final muffler pipe diameter. Contrary, noise emissions are substantially increased by increasing pipe diameters. Further calculations aimed at establishing the combined effect of pipes #9, #19, #34 and #36 brought to the optimized configuration reported in table 1. The results reported in table1 summarize the effect of three subsequent changes on engine power and noise emission. However, these results could not be confirmed by experimental data because of the impossibility to change in the experimental setup the diameter of the pipes #9 and #19, which are casted directly in the engine block.
